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Development of an Efficiency
Model for Manual Transmissions

A computational model was proposed by GM Powertrain Europe and Ohio State University, Columbus (USA), to
predict friction-related mechanical efficiency losses of manual transmissions. Individual power losses from gear
meshes are combined in an efficiency model based on elasto-hydrodynamic lubrication theory with the bearing
losses to determine the total mechanical power losses of the transmission. The model was used to predict
mechanical power losses of the F40 six-speed manual transmission of GM Powertrain. These predictions were
shown to agree well with the power loss measurements from the same transmission.
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1 Introduction

Power loss experienced by drivetrains of
passenger vehicles has been one of the
major concerns in automotive power-
train engineering. Such losses directly
impact fuel consumption of the vehicle,
helping define how good the vehicle is in
terms of its fuel economy and gas/partic-
ulate emission levels. While fuel con-
sumption alone is a sufficient reason for
seeking reduced drivetrain power losses,
there are other auxiliary reasons as well.
Excessive power losses within the trans-
mission amounts to additional heat gen-
eration and higher temperatures, thus,
adversely impacting gear contact fatigue
and scuffing failure modes [1]. In addi-
tion, the design of the lubrication system
as well as quantity of the lubricant with-
in the transmission is also related to the
amount of heat generated.

In a manual transmission [12] sources of
power losses can be classified into two
groups: (i) load-dependent (friction induced)
mechanical power losses P and (i) load-in-
dependent (viscous) spin losses P, meaning
of abbreviations see the Table. Overall power
loss P, of the transmission is the summation
of the two. Mechanical losses are largely de-
fined by sliding and rolling friction losses of
the loaded gear meshes and rolling friction
losses of the bearings while spin losses are
caused by a host of factors including viscous
dissipation of bearings, oil churning and
windage.

Table: Abbreviations

Name Explanation

Loaded gear pairs experience com-
bined sliding and rolling, which result
in frictional losses. These losses are re-
lated to the coefficient of friction, nor-
mal load on the tooth and sliding veloc-
ity on the gear surface [1, 13]. Rolling
frictional losses occur due to the forma-
tion of an elasto-hydrodynamic (EHL)
film [1]. Windage and churning losses
are present as a result of oil/air drag on
the face and sides of the gears as well as
in the meshing zone. Similarly, rolling
element bearings of the transmission
also account for mechanical load-de-
pendent and spin losses of their own.
Accordingly, the bulk of the load-de-
pendent losses in a manual transmis-
sion is accounted for by considering
gear mesh (P_ ) and bearing (P,) losses
such thatP ~P . +P,. This paper focus-
es on prediction of mechanical power
loss P of a six-speed manual transmis-
sion while the predictions of spin losses
will be addressed in another work.

There has been a significant body of
research on gear train efficiency as re-
viewed in papers by Martin [2]. These stud-
ies can be grouped into three categories
based upon the methodology used to
model friction. The first set of studies (for
example ref. [3]) investigated gear pair ef-
ficiency by using a uniform user-defined
coefficient of friction u along the contact
surface. The assumption of a constant pL in
these models contradicts another group
of published work on traction of contacts
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Figure 1: GMPT F40 6-speed manual transmission

having combined rolling and sliding. In
studies mentioned in ref. [4], empirical u
formulae were presented based on actual
roller contact experiments to show that u
varies with a number of parameters in-
cluding lubricant viscosity, sliding and
rolling velocities, radii of curvature, sur-
face characteristics and operating load.
Every contact point in a gear mesh inter-
face is subjected to different values of
these parameters, suggesting that [ is not
constant. In an attempt to overcome this
shortcoming, a second group of studies
(for example ref [5]) employed these em-
pirical p formulae. This approach also
had limited success since the empirical p
formulae adapted often did not represent
the operating parameter ranges of gear
meshes. The third group of studies (for ex-
ample ref. [6]) took on a physics-based ap-
proach by using elasto-hydrodynamic lu-
brication (EHL) formulations to compute
the variation of i across the gear contacts.
This EHL-based approach was shown to
work well for spur gears with idealized
load distribution while the computation-
al time required was very significant. A
low-loss gearing according to [14, 15] with
different gearing parameters is not being
discussed in this paper, the aim is to gain
optimization parameters by looking at
micro geometrical details.

In order to reduce the computational
demand of EHL-based predictions, Xu et al
[1] proposed a new friction coefficient rela-
tionship for gear contacts, which is found
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by applying multiple linear regression
analysis to a large number of EHL simula-
tions covering a wide range of all key con-
tact parameters. This p formula was first
validated by comparisons to direct simula-
tions from a mixed-EHL model as well as
actual traction measurements over a wide
range of speed, load, roughness and slid-
ing conditions. Then this u formula was
incorporated with a gear load distribution
model (LDP) to predict instantaneous me-
chanical gear mesh power losses and effi-
ciency of a spur or helical gear pair. It was
also shown in the same study [1] that the
predicted gear mesh mechanical losses
agreed well with measurements from spur
gear pairs having different tooth sizes.

The literature on the power losses of
geared transmissions is very sparse. As
one significant body of work, Velex et al
|7] proposed a power loss model for a 6-
speed manual transmission using ther-
mal networks. The model predicts tem-
perature distribution and efficiency by
considering several sources of dissipa-
tion such as rolling and sliding friction,
rolling bearing elements and oil shear-
ing taking place in the synchronizers.

In this study, a generalized mechani-
cal efficiency model for manual transmis-
sion will be developed and applied to the
F40 transmission shown in Figure 1 by em-
ploying the mechanical gear mesh power
loss model of Xu et al [1] and bearing
power loss model of Harris [8]. The specific
objectives of this study are as follows:

- Develop a mechanical power loss mod-
el for multi-axis manual transmis-
sions and apply it to GM Powertrain’s
F40 transmission shown in Figure 1.

- Validate the transmission mechanical
power loss model by comparing the
predictions to measured values col-
lected from the same transmission
under tightly controlled conditions.

- Investigate the influence of some of
the key parameters affecting mechan-
ical power losses including surface
roughness of gear teeth, lubricant
temperature, as well as complex trans-
mission duty cycles.

2 Transmission Power Loss Model

Figure 2 shows the flowchart for the trans-
mission power flow model. Input torque
T, input speed , gear state g, (gJ €[1, G)),
an integer, where G is the number of
gear ranges) and the average transmis-
sion temperature 6 from a duty cycle ata
discrete time instantj (j €[1, J|) are input
to a transmission power flow model. This
model identifies the loaded gear meshes
according to the value of g and deter-
mines the forces transmitted by each
loaded gear mesh as well as the rotation-
al speed of the loaded gears. For the F40
transmission shown in Figure 1, there
are six forward gear ratios (G = 6) allow-
ing power to be transmitted by different
paths as shown in Figure 3. Here the dif
ferential gear pair is always loaded re-
gardless of the value of g(t) while a differ-
ent speed gear pair is loaded at each gear
range. The speed and gear mesh forces at
each loaded gear mesh for given values
of T, and o are input to the gear pair me-
chanical power loss model to predict the
power losses of the speed gear pair P,
and the final drive gear pair P, ata given
g Accordingly, the total transmission
gear mesh power loss is defined as:

P P +P

mesh sg fa

Eq.(1)

For the F40 transmission in a forward
gear ratio, gear mesh power loss computa-
tions are done twice, once for the load car-
rying speed gear pairs and then for the
final drive gear pair. This is captured in
Figure 2 by an integer index ke [1, K] where
K =2 for most manual transmission for-
ward gear ranges including those of F40.



Similarly, given the gear mesh force vec-
tors (t)and E, (t), and position vectors at
the gear meshes defined relative to the
same reference frame are used to compute
the forces and moments carried by the
bearings of each shaft. For the input and
output shafts there is only one loaded
gear pair, making this calculation rather
simple, while the calculation of the forces
on the bearings of the transfer shafts re-
quire more effort and additional parame-
ters such as the angle of the shaft centers
of the loaded meshes. Knowing the bear-
ing loads and speeds, the total bearing
power losses can be computed. For the
F40 transmission, shown in Figure 1, the
following equation is established:

P=P +P

b b, in b, 11

+P +P

b, 12 b, out

Eq.(2)
whereP . P P ,andP,  areindividu-
al bearing mechanical power losses of
the input shaft, the first and second out-
put shafts, and the differential, respec-

tively. Here, mechanical power losses for
each shaft must be computed, even when
one of the shafts does not carry any load.
This is due to the fact that each bearing
operates under preloaded conditions.
The total gear mesh and bearing me-
chanical power losses are then added to
find total (gear and bearing related) me-
chanical power losses of the transmission
asP =P . +P, and the mechanical effi-

mesh
ciency of the transmission is given as:
Pm
n,=1-3 Eq.(3)

where the input power is given as P, =T «.
These computations are repeated at every
discrete point of the user defined duty cy-
cle given by T, g and 6 to predict P and
n,, as a function of the duty cycle.

2.1 Helical Gear Pair Power Loss Model
The gear mesh mechanical power loss mod-
el used in this study combines a gear load
distribution model, a gear contact friction
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Figure 2: Flowchart of the transmission power loss model

model and a gear mechanical efficiency for-
mulation [1]. The gear load distribution
model predicts the load and contact pres-
sure distribution at every contact point over
the tooth surface of the gear, as the mesh
position is incremented. The corresponding
load distribution along with geometric pa-
rameters is input to the gear contact friction
model, which determines distribution of
along the contacting surfaces. This friction
coefficient value is then input to the me-
chanical efficiency formulation to deter
mine the instantaneous power loss at an
incremental rotational position n (n €[1, NJ).
The same procedure is repeated at other dis-
crete rotational positions until n =N, when
a complete gear mesh cycle of rotation is
achieved. Following this, the instantaneous
mechanical efficiency values over the entire
mesh cycle are then averaged to obtain the
average mechanical power loss of the gear
pair at the given instantaneous duty cycle
condition.

The gear load distribution model (LDP)
[9] computes the elastic deformation at
any point on the gear surface given the
tooth compliance, input torque and ini-
tial unloaded tooth separations. Compat-
ibility and equilibrium conditions are
considered for the solution to the contact
problem. The load distribution problem is
solved for each angular position of the
gears by using a Simplex algorithm. The
model then computes the load distribu-
tion along the lines of contact as well as
maximum Hertzian pressure based on an
equivalent cylindrical contact. Radii of
curvature and surface velocities at each
contact point on the gear pair, as needed
in the friction and efficiency computa-
tion, are also calculated by LDP.

Xu et al [1] used the thermal EHL mod-
el of Cioc et al. [10] as the basis to predict
1 distribution along the gear contacts.
Consider any contact point having cer-
tain values of sliding and entrainment
velocities, V.= u, —u, und V, = (u, + u,)[2,
combined radius of curvature, R = 11, |
(r, + 1), where u, and u, are velocities of
the contacting surfaces in the direction
of sliding and r, and r, are the radii of
curvatures of the contacting surfaces on
the transverse plane of the gears. By solv-
ing the transient Reynolds equation
along with a film thickness equation, a
viscosity-pressure-temperature relation-
ship, a density-pressure-temperature re-
lationship and the energy balance equa-
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Figure 3: Power flows of the F40 transmission

tion, the thermal EHL model predicts the
film pressure distribution p(x), viscosity
distribution v(x) and film thickness dis-
tribution h(x) across an elastic lubricated
contact zone [1]. The friction force per
unit width of contact segment is then
given as the sum of the rolling and slid-
ing components of the friction force as:
F)=Jt(x)dx=F +F, Eq. (4a)
where rolling and sliding friction com-
ponents are defined as:

h(x) d
Fre-j ¥ ax Eq. (4b)
, u -u,
F'= Jv(x) ) dx + f,uxp(x)dx Eq. (4¢)

Here u_is the coefficient of friction be-
tween the asperities under mixed EHL con-
ditions. The friction coefficient value is

Sy

calculated as u=F)/W where W’is the total
load per width of the contact segment.
The main disadvantage of using the
EHL model to compute p within a gear ef-
ficiency model is its computational de-
mand. To overcome this difficulty, Xu et
al [1] first performed a large number of
EHL analyses for the lubricant considered
within typical ranges of all key contact
parameters representative of common au-
tomotive gear contact conditions. These
several thousand cases covered combina-
tions of surface characteristics, operating
conditions and contact pressure distribu-
tion. Then a multiple linear regression
analysis of the analyzed EHL results was
performed to reduce these simulations
into a single friction coefficient formula:

=2e/ P |SR|" V"% vl R’
where

Eq. (5a)

Figure 4: Experimental set-up for measuring the power losses of the F40 transmission
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f=b,+b, |SR| P, logw (v,) + bse"SRlph log10 (vp) + b,
Eq. (5b)

This formula contains most of the key
parameters including the absolute vis-
cosity of the lubricant v, (in cPs), the RMS
composite surface roughness S (in um),
the effective radius of curvature R (in me-
ters), the contact pressure P, (in Pa) and
the sliding ratio SR = 2 (u, - u,)/(u, +u,). In
Eq.5a,b,(i=1, 2, .., 9) are constant coef-
ficients that are different for every lubri-
cant. This formula was shown to agree
well with both actual EHL analyses and
transition measurements.

After finding of friction coefficient at
each contact segment centered by the co-
ordinates (z, 6) at each incremental rota-
tional angle ¢ (n=1, 2, ..., N), the sliding
friction forces is calculated as:
F(260)=1(60)W(60) Eq(6a)
where W (z, 6, ¢,) is the normal force at
the center of the contact segment. In ad-
dition, using a smooth surface assump-
tion, the rolling friction force is given in
its approximate form as [1]:

F (z, 6, ¢n) = ials o, (G‘ﬁ)o.ass Qo.ousR
Eq. (6b)

with ¢, being the thermal reduction factor
to account for temperature rise at higher
speeds, G is the dimensionless material pa-
rameter, U is the dimensionless speed pa-
rameter, Q is the dimensionless load param-
eter, and « is the pressureviscosity coeffi-
cient. When friction forces at each contact
point are computed, the instantaneous gear
mesh mechanical power loss is given as:

~ Q
Pmesh (¢n) = Pin _qg‘l ”Fs(ul - u2)|+|Fr (ul - uz)”
Eq.(7)

where ge[1, Q] represents a discretized
load distribution segment and Q is the
total number of segments. The average
value of the power lNoss over a mesh cycle
is given as lsmh = %ﬂgl ﬁmesh (¢,). If this par-
ticular gear mesh is a speed gear pair,
then P =P, in Eq. 1; if it is the final
drive mesh, then Py=P g
2.2 Rolling Bearing

Element Power Losses

The axial and radial components of

forces acting on bearings of the transmis-



sion shown in Figure (1) are computed at
each duty cycle increment. Given the
force vector of a bearing i on shaft s as
F‘;’fs = [F‘;XS’, ngyys’, Ff;fs’], the radial bearing
force is defined as F7 = [(Ft: ¥)* + (F(-7)?]'12,
while the axial force Ft2 is adjusfed to
incorporate the preload on shaft s. With
this, the moment caused by the friction
in the bearing i is calculated as [8]:

M0 =FAd Eq. (8a)
where A is a material factor, d is the
mean bearing diameter, and F is the
effective bearing force obtained from
force and momentum balance. The value
of F is taken to be the greater of ' and%
Ft9 cot B, where B is the bearing contact
aﬁgle. Once M%is calculated for each
bearing i on each shaft s, the power loss
due to friction on the all I number of
bearings on shaft s (s =in, t1, t2, out) is cal-
culated as:

Pb,s =,Z M(:) a)s

i=1

Eq. (8b)

where @, is the rotational speed of shaft s.

3 Results

In the following the results of validation
of the model predictions and parametric
studies are described.

3.1 Validation of the Model Predictions

As mentioned earlier, the friction coeffi-
cient model Eq. (5) of the gear mesh effi-
ciency model was validated in ref. [1]
through comparison to sliding contact
friction measurements. The gear pair pow-
er loss model was also validated using
tightly controlled spur gear power loss ex-
periments [11]. While these provide a cer-
tain level of confidence on the transmis-
sion power loss predictions, it is still neces-
sary to validate the transmission mechani-
cal efficiency model by using the actual
transmission power loss measurements,
since (a) the gears of the transmission are
helical type and (b) multiple gear meshes
and bearings contribute to the transmis-
sion power losses. For this purpose, an ex-
perimental setup was devised to measure
the power losses of the F40 transmission
under varying torque, speed and tempera-
ture conditions at gear each gear range.
Figure 4 shows the dynamometer setup

1,2
- (a) 1000 rpm

1,2 -
(€) 3000 rpm

Power Loss in kW

.-l:blnzmmm

..]_._I_I_I_III..II

| {d} 4000 rpm

0.0
1 2 3 4 ] ] 1 4 3 4 5 ]

Gear Range

Figure 5: Comparison of measured and predicted P_values of the F40 transmission at
T =100 Nm, 6=80° C und S =0.56 pm; (a) Q = 1000 pm, (b) Q = 2000 pm, (c) Q = 3000 rpm,

and (d) € = 4000 pm

used for this purpose. Here, a support
bracket between two precision torque-me-
ters holds an F40 transmission. A DC mo-
tor drives the transmission and an eddy-
current load brake dynamometer provides
the reaction torque through a speed in-
creaser. The temperature of the transmis-
sion is measured by a thermocouple in-
serted from the bottom drain hole.

The test setup uses a 110 kW electric
motor and a 400 kW brake to load the
transmission at input speeds up to
5000 rpm. A pair of precision torque-me-
ters are mounted next to the transmis-
sion to measure the input and output
torque. A thermocouple is inserted into
the transmission in the vicinity of the
differential ring gear to measure the in-
stantaneous oil temperature.

The tests were repeated at various in-
put speeds of 0=, and gear state g val-
ues with and without a given level of input
torque T.. For the unloaded case of T, = 0,
the torque measured at the output side is
zero and the torque loss measured at the
input side 7, is used to compute the spin
loss P = @ 7, . When the same test is re-
peated with a given nonzero torque value
T =0, measured torque levels 7 and 7

can be used to calculate the total power
lossas P = o, 7, - @, 7, Here 0, = o, |T;
where T, is the overall speed reduction ra-
tio of the transmission at this particular
gear range. From these two measure-
ments, the mechanical loss of the trans-
mission is calculated as P, =P, - P.

Figure 5 compares the measured and
predicted P values of the F40 transmis-
siggwgt 6=80°C and T = 100 Nm for Q
= —7 = 1000 bis 4000 rpm. Here, every
gear pair has a composite root-mean-
square surface roughness of S = 0.56 pm.
As is evident from this figure, the pre-
dicted and measured mechanical power
loss values agree well over the entire
range of operating conditions and at all
gear stages of the transmission, with
maximum deviations between the meas-
ured and predicted power loss values
well within 0.2 kW. This suggests that
the transmission mechanical power loss
model proposed above is sufficiently ac-
curate to be used for engineering studies
to reduce power losses.

3.2 Parametric Studies
In part a) of Figure 6, the predicted con-
tributions of individual gear meshes

ATZ 0412008 Volume 110 #1
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and bearings to the total mechanical
power loss are shown for the same case of
0=80°und T=100 Nm, S= 0.56 um, Q =
4000 rpm. Here, the final drive gear mesh
power loss P, is seen to experience a slight
linear decay as the g increases. Consider-
ing that the final drive gear pair remains
the same for all the gear ranges, this
slight reduction in Py with increased g
can be attributed solely to the increase in
input speed and decrease in torque trans-
mitted by this gear pair. The speed gear
pair mechanical power loss P, is also seen
to decrease as the transmission is shifted
upwards from the 1% gear range to the
forth gear range, increasing beyond that
from the fifth gear stage onwards. This is
mainly due to the fact that each gear
range involves a completely different
speed gear pair having its own speed ra-
tio and geometry. In Figure 6a, at the first
gear range Psg ~045P , PSg ~0.35P andP,
~0.2P whileP ~P ~035P andP ~0.3

Transmissions

P atthe 6™ gear range. This suggests that
any effort to minimize mechanical power
loses for this case should focus initially
on the losses of gear meshes.

The components of the total bearing
power loss for the same case are shown in
Figure 6b. For bearings on the input shaft,
the rotational speed remains constant at all
the gear ranges. For bearings on the output
shafts and differential shaft, ,is a function
of the gear stage and hence the reduction
ratio between the speed gear mesh. The
bearing power loss on the input shaft P,
shows a decreasing trend. This is becausé,
while input speed remains constant, the
loads on the bearings of the input shaft de-
crease from the first to the sixth gear range.
Meanwhile, P, ,P, ,and P,  all experience
slight reductions with increased gear range,
resulting in a relatively flat bearing power
loss P, regardless of the gear range.

In part a) of Figure 7, the influence of
surface roughness on mechanical power

0.8
| B mwchanical power laia e
-.\_\_&\ B speed gear pasr losses
1B s e e ket
L -mbwn
06 15 F

Power Loss in KW
g

loss P of the F40 transmission is shown at
6=280° C,T=100 Nm, and Q = 4000 rpm.
The lambda ratio (the film thickness to
surface roughness ratio 1 = Sl) reduces
with increase in surface roughness mov-
ing the lubrication conditions to a par-
tial-EHL regime. This increases actual as-
perity contacts to cause increased p val-
ues according to Eq. 5, resulting in siz-
able increases in gear mesh mechanical
power losses. From Figure 7 a, it is ob-
served that P is reduced by 40 to 50 %
through reducing the composite surface
roughness of gear pairs from S = 0.62 um
(a typical value for a ground gear pair) to
§=0.1 um with actual P, reductions rang-
ing from 0.45 KW at the firstt gear range
to 0.25 kW in the forth gear range.
Similarly, Figure 7b shows the in-
fluence of oil temperature on P of
the F40 transmission at T =100 Nm, Q =
4000 rpm and S = 0.56 um. Significantly
lower mechanical power losses are ob-

10 F

Power Loss in kW
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Figure 6: Components of mechanical power losses at T =100 Nm, 6 =80° C,
€ =4000 rpm and § = 0.56 um; (a) components of P , and (b) components of P,
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Figure 7: Influence of (a) surface roughness S and (b) temperature 6 on



served here at elevated operating trans-
mission temperature values. For instance,
at the first gear range, the reduction of
the power losses P is about 65 % warmth
from 6= 25° to 100° C. This trend is pre-
served at other gear ranges, indicating
that the same transmission exhibits
three times less power losses P at 100° C
as at 25° C. This is in direct relation to
the change in viscosity of the lubricant
as a function of temperature.

The variation of P and 7 within the
input speed and torque values as defined
by the transmission duty cycle conditions
are illustrated in Figure 8 at 6=80° Cand S
=0.56 um. Figure 8a provides six contour
plots (one for each gear range) for the vari-
ation of P_ with speed and torque, while
Figure 8b presents the 7, values for the
same case in the same format. In this for-
mat, these simulation results can be used
to determine P, values at each step (de-
fined by T, », and g, in Figure 2) of a user-
defined duty cycle. It is also worth men-
tioning here that all three parameters in-
fluence P_and 7, significantly. This is evi-
dent from the predicted ranges of P, (from
0.01 t0 0.77 kW) and 7, (97.46 to 99 %) ob-
tained by changing speed within 1000 to
5000 rpm and torque within 10 to 100 Nm
at all of the speed ranges 1 to 6.

Consistently, the degree of efficiency
increases slightly towards the 100 % mar-
gin when increasing the input torque
within the nominal torque range of the
transmission.

4 Conclusions

In this study by GM Powertrain Europe
and Ohio State University, Columbus
(USA), a model to predict the mechanical
power loss of all the gear pairs in a manu-
al transmission is proposed. The transmis-
sion power loss model integrates a gear
mesh loss model and a bearing power loss
model to calculate the load-dependent
friction losses of all the gear pairs in the
transmission. The transmission power
loss model is validated through compari-
sons to measured power loss data from
the F40 six-speed transmission. Limited
parametric studies are presented to dem-
onstrate the influence of the gear tooth
surface roughness values and the lubri-
cant properties on mechanical transmis-
sion power loss. A set of contour plots are

o
i o
00
£ W!
¢ i ¢
00 035
& w!
in (%]}
(311}
B0 [}
a0
20
100 OO0 3000 4000 S000 000 2000 B000 4000 000 1000 2000 A0 4000 5000
(&) Input Speed in rpm

Imput Torgue In Nm

00 000 MOD 400 000 1000 2000 9000 4000 S000 1000 000 2000 4000 500D
™ Input Spes in rpm
Figure 8: Variation of P_(a) in kW and n_(b) in % with duty cycle conditions at 6 = 80° C

also presented to show the combined in-
fluence of the speed, torque and gear
range on transmission power losses. Our
current work focuses on expanding this
transmission power loss model through
novel formulations to predict spin losses.
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