RESEARCH Supercharging

Acoustics Development for
Exhaust Gas Turbochargers

Theincreasing application of turbocharged engines shifts turbocharger acoustics more into
the focus of development. Here the noise behaviour of the turbocharger provides a conflict
between costs and acoustics. In the context of the FVV research project No 866 “Turbo
Charger Noise” the noise behaviour of turbochargers was subjected to systematic experi-
mental investigations and a hybrid simulation methodology was developed at the institute for
combustion engines (VKA) of the RWTH Aachen. The good conformity of calculation and
measurement ensures the characterization of the acoustical behaviour and implementation
of acoustical measures in the layout of the turbocharger early in the development process.
Thus cost-intensive rework can be avoided at the end of the development process.
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1 Introduction

The rising performance requirements of
modern supercharged diesel engines
and the trend to supercharged direct in-
jection gasoline engines constitute a set
of acoustic risks for the developers con-
cerning the turbocharger calibration.
Today the acoustic optimization is based
exclusively on empirical models to de-
scribe the noise behaviour of turbocharg-
ers. The extensive mechanisms of noise
generation and their dependency speak
for the necessity of an efficient simula-
tion-based calculation tool, which can
be used in an early stage of the develop-
ment process.

In most cases the disturbing noise
caused by the turbocharger is not rele-
vant for the overall level of the engine. Its
tonal character is commonly pronounced
in a frequency rang higher than 500 Hz
and thus outside the level-determining
frequency range. This leads to an intensi-
fied perception by humans. Especially
characteristic noises must also be regard-
ed in the context with the expectations
of the driver. Under low-speed part load
operation such noises could be annoying
or even be characterized as malfunction
[1]. On the other hand, however, a slight
whistling could be perceived quite pleas-
antly by the driver. This can be the case
when the engine is operated at high
speed and full load since it is a direct
acoustic feedback of the power output of
the engine.

This generates a lot of requirements
on a development tool whereby the dif-
ferent gas and rotor dynamic excitation
sources of the turbocharger need to be
represented appropriately over the com-

Table: Technical information of the test engines

plete speed range. In addition, the struc-
ture-borne noise propagation in the in-
volved engine components is to be con-
sidered. In the context of an FVV research
project a two-stage approach was carried
out: first, measurements were conducted
while doing extensive parameter varia-
tions on the exhaust gas turbochargers
(TC) of a passenger car engine and a
heavy duty engine in order to character-
ise the different noise phenomena
caused by the particular applications
and to quantify the individual dominat-
ing factors of the acoustics of the turbo-
charger. Secondly, a hybrid computation
method has been developed based on
flow, multi-body and dynamic finite-ele-
ment simulation. It was revealed that
the obtained result correlates very well
with the experimental data. Thus the in-
dividual results will contribute signifi-
cantly to further understanding of the
complex acoustic mechanisms of a tur-
bocharger and allow for a virtual layout
of the turbocharger system.

2 Experimental Investigation

Subsequently, test engines, noise phe-
nomena, and influencing factors are de-
scribed regarding the experimental in-
vestigations.

2.1 TestEngines

The experimental investigations were
performed using either a passenger car
engine or a truck engine. The basic work
scope was acceleration measurements at
the turbocharger, measurements of the
pressure pulsations in the exhaust and
intake system, and airborne noise meas-

Engine Passenger car Truck

Injection / fuel type DI/ Diesel DI/ Diesel

Cylinder configuration Inline 4 Inline 6

Displacement / bore / stroke 1,41/737mm/820mm  10,51/120 mm /155 mm
Nominal power 50 kW @ 4000 rpm 316 kW @ 1900 rpm
Turbocharger concept Waste gate EGR bypass

Max. turbocharger speed 240,000 rpm 115,000 rpm

Number of blades turbine / compressor

T.9/C.5and 5 splitter

T.11/C.7 and 7 splitter

Typical noise phenomena range

1000 - 18,000 Hz

500 - 13,000 Hz
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urements under anechoic conditions.
The Table shows the specifications of the
individual engines and turbochargers in-
vestigated.

2.2 Noise Phenomena
The occurring noise phenomena of the
investigated turbochargers can be divid-
ed in four acoustical phenomena caused
by different physical effects. These four
phenomena can be perceived as noises of
a tonal character. In Figure 1 the charac-
teristics of the different phenomena are
displayed in the form of Campbell dia-
grams for both investigated engines.
The constant-tone is different from
the other three noise phenomena, be-
cause its related frequency is not propor-
tional to the turbocharger-speed. After a
slight increasing slope at low TC-speed
the tone is associated with a constant fre-
quency versus rotor-speed. This frequen-
cy is defined by the lateral bending vibra-
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Supercharging

tion of the TC-shaft in the hydro dynami-
cal oil film of the journal-bearings of the
rotor. For the passenger car TC typical
values are in the range of 1000 Hz, and
for the truck TC around 500 Hz.

Another phenomena can be the un-
balancing whistle. Because of high rotor
speeds, large unbalancing forces can oc-
cur in turbocharger systems. These rotat-
ing forces are linearly proportional to
the frequency of the turbocharger-speed
and cause a tonal noise, commonly
known as unbalancing whistle [2]. The
frequency range of the unbalancing
whistle extends up to 4 kHz for the pas-
senger car engine investigated and up to
2 kHz with the truck engine.

Like the unbalancing whistle the pul-
sation noise occurs with the rotation
frequency of the turbocharger rotor.
Physical causes of this phenomenon are
rotor asymmetries, which lead to alter-
nating forces when the irregularities

Truck

are rotating relative to the non-moving
housing.

The rotating noise is caused by the
pressure difference between pressure
and suction side of the particular rotor
blades and by the blades passing the
housing tongue. The frequency of the ex-
citation is determined by the product of
the TCspeed and the number of blades
of the turbine respectively compressor
wheel [3]. Because of the high turbo-
charger-speed of the passenger car TC of
up to 240,000 rpm and five vanes at the
compressor- and nine blades at the tur-
bine-wheel, its rotating noise lies mainly
above the audible range. Therefore this
phenomenon plays a subordinate role in
the investigation. With the essential larg-
er TC of the truck engine the rotating
noise lies due to its lower rotation speed
in the frequency range of up to 13 kHz,
which can be clearly perceived under
full-load condition.
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Figure 1: Structure born noise measurement: depiction of turbo charger noise phenomena
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Figure 2: Influence on structure born noise behaviour of the turbo charger due to unbalance (a) and oil temperature (b)

2.3 Influencing Factors

Based on measurements of the passenger
car engine under fired operation, the in-
fluencing factors of various layout-pa-
rameters can be associated to the indi-
vidual noise phenomena. The accelera-
tion levels displayed in Figure 2 were
measured at the compressor side of the
TC at 200,000 rpm. In addition the noise
share of the several noise phenomena
was considered separately. This was on
one hand the constant-tone (band pass
from 900 to 1100 Hz), and on the other
hand the unbalancing whistle and pulsa-
tion noise (first TC-order).

2.3.1 Influence of the Unbalance

With grub screws on the compressor side
an unbalance was added to the remain-
ing unbalance caused by already existing
manufacturing tolerance ranges. Two
turbochargers with an additional mass
of 20 and 40 mg were tested. As expected,
Figure 2a shows a clear dependency of
the level of the unbalancing whistle to
the applied mass. Here the level of the
first order follows considered unbalance
in a linear rising shape. The constant-
tone values on the contrary are so low
from 20 mg unbalance upwards that this
noise phenomenon can be considered as
not detectable.

2.3.2 Influence of the Qil Temperature

The oil temperature was changed in the
range from 30 to 90 °C (in the oil pan) to
investigated the influence of the oil tem-
perature and therefore the oil viscosity
on turbocharger noise, Figure 2b. The
excitation of the first turbocharger or-

der and the constant-tone show a gradu-
ate level reduction with increasing oil
temperature.

Besides the displayed influence on
the first order level, the higher oil tem-
perature also leads to a small shift of the
constant-tone to lower frequencies. This
effect can be explained by the alternat-
ing damping effect of the hydrodynamic
bearing on the natural vibration behav-
iour of the TCrotor, due to the oil viscos-
ity variation.

2.3.3 Influence of the Air Inflow

For the investigated truck turbocharger,
a so-called noise-ring was applied in order
to reduce the rotating noise. The effect of
the noise-ring on the dominance of the
rotating noise was shown with a compar-
ative measurement where the noisering
was removed. The noise-ring achieves an

e e e e e

improvement potential of up to 10 dB on
the first order level under full load condi-
tion in the middle speed range.

3 Hybrid Simulation Method

A multidisciplinary CAE model was de-
veloped in order to analyse the mecha-
nisms of noise generation and to investi-
gate their influence by performing de-
tailed parametric studies. The structure
and the interfaces between the separate
calculation methods are depicted in
Figure 3. The first part contains the gas
flow simulation (CFD). Results of the CFD
simulation are pressure pulsations of the
gas flow, which on one hand directly lead
to airborne noise and on the other hand
cause a force excitation on the rotor. The
forces on the rotor are used as a boundary

Comparison between simulation and measurement
for identification of the noise phenomana

h Modifications and recemmendation
far improvemant

Figure 3: Structure of the CAE model for the analysis of noise generation and transfer

of the turbocharger
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Figure 4: Validation of the CFD models for compressor (a) and turbine (b) with

measured maps

Figure 5: Results of the CFD calculation at different rotor deviations

condition for the second part, the multi
body simulation (MBS). From the MBS cal-
culations, bearing forces can be extracted
as a result of the description of the rotor
dynamics. The bearing forces are then
used as an excitation for the third part,
the analysis of the dynamic structure re-
sponse (FEM). Finally, the forced-response
results of the engine can be compared to
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measurement results of the engine in or-
der to validate the calculation.

3.1 CFD Simulation

The gas-flow-dynamics in turbine and
compressor is calculated based on a
three-dimensional gas dynamic simula-
tion (CFD) using the software Star-CD.
Target is to investigate the influence of a

deviation of the turbine and compressor
wheel on the pressure excitation of the
gas flow, and on the resulting gas forces
acting on the wheels. Furthermore, the
gas forces are used as an input for the
multi body simulation in order to calcu-
late the structure excitation caused by
the gas flow. The wheel deviation can be
separated into a purely parallel offset in
the bearing clearance, caused by unbal-
ance, and into an angular deviation,
caused by bending of the rotor. Both de-
viations are rotating with the rotor
speed, as is depicted schematically in the
top of Figure 5.

The flow region covered by the CFD
calculation contains scroll, wheel, inlet
and outlet of compressor and turbine re-
spectively. The computational grids con-
sist of about 1 million cells for the com-
pressor and 3 million cells for the tur-
bine, Figure 4.

Steady state simulations of particular
points of operation within the perform-
ance map show a good correlation to the
measured maps of turbine and compres-
sor, Figure 4. The flow field at the impel-
ler outlet of the compressor exhibits a
clear dependency on the back pressure.
With increasing back pressure the mean
outlet mass flow is shifted towards the
start of the scroll, which leads to an un-
even load and thus evokes a radial force
on the wheel.

For the acoustic assessment transient
flow simulations were performed to re-
solve the pressure and force oscillation.
The motion of the wheels in terms of ro-
tation was realized by a moving mesh. At
the borders of the area considered for
the calculation, pressure and mass flow
rate traces as well as temperatures are ap-
plied as boundary conditions. These
boundaries were taken from one dimen-
sional gas exchange calculations.

Figure 5 shows the evaluation of the
simulation results for the compressor,
comparing a centered arrangement with
two different rotor deviations. The force
and pressure for the centered rotor show
a clear coherence between radial force
on the impeller and pressure after com-
pressor p,, which can be explained by
the shift of the mean outlet flow as de-
scribed before.

The radial forces gained from the simu-
lation of the variants with eccentric rotor
show an excitation of the first turbo-
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Figure 6: MBS model setup and evaluation of calculated rotor displacement

charger order with an amplitude of about
1 N. Here, the mean trend follows exactly
the one for a centered rotor. From this a
complete separation of the force excita-
tion caused by boundary conditions and
wheel deviation can be inferred (Figure 5,
bottom). The excitation amplitude due to
eccentricity shows only a marginal effect
of the boundary condition, but depends
linearly on the amount of deviation. How-
ever, the force excitation caused by the
gas flow is negligible low in comparison
to the dynamic bearing forces calculated
by the multi body simulation.
Acoustically more remarkable than
the radial force are the post-compressor
pressure characteristics, p,. Similar to
the description of the radial force, a
wheel deviation causes an excitation of
the first turbocharger order, which is su-
perimposed on the pressure trace in-
duced by the engine operation. Also here
the deviation length has a significant im-
pact, as is shown in Figure 5 on the right
side. A deviation of 100 % corresponds to
the full bearing clearance. The variant
with a bended rotor (red bar) shows a
slightly different behaviour. The eccen-
tricity e of the impeller, which is even
larger than with purely parallel devia-
tion, also causes a pressure excitation.
This is, however, clearly reduced by the
additional angle o. Reason for that is the
tip clearance between rotor blades and
housing, which becomes larger within
the range of the rotor outlet due to this

angle. At the compressor especially this
region plays an important role for the
load transfer onto the gas flow, so that
the increased gap leads to a decrease of
the pressure excitation.

On the turbine side, a similar correla-
tion is found between impeller eccen-
tricity and the excitation of pressure and
force similar as at the compressor. Dif-
ferent with the compressor the bending
angle “o” has almost no effect on the
turbine side, so that an additional eccen-
tricity due to rotor bending directly in-
creases the amplitude of the pressure
excitation. In total the amplitudes of
force and pressure pulsation on the tur-
bine side are significantly lower than on
the compressor side.

It can be summarized that an impeller
eccentricity primarily leads to airborne
noise dominated by the first turbocharg-
er order, whereas the level of the excita-
tion by the forces acting on the rotor are
negligibly small. On the compressor side,
which is clearly more susceptible to this
phenomenon, the noise excitation is
again reduced by a bending of the rotor.

3.2 MBS Simulation

The intention of an MBS simulation is to
simulate the system behaviour of cou-
pled bodies. As a result, forces, moments,
displacements, velocities and accelera-
tions can be evaluated to analyse the sys-
tem behaviour. In order to be able to cal-
culate a realistic simulation behaviour it

is necessary to implement the coupling
conditions of the bodies and consider
the correct phase of external forces, mo-
ments and motion specifications, besides
the properties of the considered bodies.
The rotor is a crucial element of the in-
vestigated system. As already mentioned,
the rotor rotates at very high speeds,
which lead to high mass forces. In the
used commercial software Adams/En-
gine, bearing elements exist with hydro-
dynamical properties, which solve the
Reynolds equation considering bearing-
geometry, bearing-clearance, tempera-
ture and oil viscosity for each simulation
time step [4]. A speciality of the consid-
ered turbocharger is the floating bush
bearing of the rotor. This bearing fea-
tures two into each other supporting hy-
dro-dynamical bearings, which are cou-
pled by a floating bush.

The rotor as well as the housing are
integrated in the model as a flexible
body. In Figure 6 the principle set-up of
the MBS model is depicted.

A run-up simulation is performed
with the baseline turbo charger, from 0
to 240,000 rpm, including a remaining
unbalance at the rotor. The system be-
haviour will be analysed based on the
displacement of the rotor relative to the
housing. For identifying the phenomena,
a conversion of the time signals into the
frequency domain depicted in a Camp-
bell diagram has proved to be the best
way to evaluate the simulation. When
considering the rotor displacement two
significant phenomena can be observed:
1. A dominant first rotor order, which is

caused by the unbalance of the rotor.
2. A half order, which changes into a

constant frequency, also known as

constant-tone.
The root cause mechanism of the con-
stant-tone is based on two different ef
fects: in the half order-dominating speed
range up to 60,000 rpm the rotor rolls
within the clearance of the hydrodynam-
ic bearing. This roll speed is affected by
the characteristics of the oil and the axi-
al clearance. This roll speed is clearly
lower than the rotational speed of the ro-
tor. The transition to the resonant fre-
quency is initiated when the roll speed
coincide with the bending-critical over-
speed of the rotor. In Figure 6 the dis-
placement behaviour of the shaft is rep-
resented, where the time slice shows a
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different behaviour of the two shaft ends.
A bending of the shaft on the turbine
side dominates the behaviour concern-
ing the constant-tone, while on the com-
pressor side the unbalance causes unbal-
ancing whistle.

For the verification of the MBS model
calculations of different variants were
performed, and compared with the cor-
responding measurement results. One of
the variants was a reduction of the oil
viscosity which was examined by increas-
ing the oil temperature. In both, meas-
urement and calculation a reduction of
the constant-tone frequency can be ob-
served. Furthermore, the influence of a
larger unbalance of 40 mgmm on the
compressor side was investigated. The re-
sult is a significant increase of the first
TC-order with simultaneously a reduc-
tion of the constant-tone level. Both noise
phenomena are well pronounced, as the
comparison with the measurements dis-
plays in Figure 7.

Supercharging

Further calculation steps had the goal
to reach a minimisation of the individu-
al noise phenomena without a degrada-
tion of the responsiveness of the rotor it-
self. Variants could be achieved with
which an acoustic improvement was to
be expected, however the feasibility of
some variants must be investigated re-
garding further criteria.

3.3 FE Calculation

Finally, by finite element simulation
with the commercial software Ansys the
gas forces extracted from the CFD analy-
sis and the bearing reaction forces from
the MBS simulation are loaded on the
housing structure in a forced-response
calculation. As a result the structural an-
swer and the associated surface mobility
are obtained, Figure 7.

The calculation takes place in the
time domain so that phase relationships
of the individual force components can
be considered. A first step in this calcula-

Simulation
rotor displacement

10¢ Unbalance 40 mgmm

tion methodology is the modal analysis,
which determines the natural frequen-
cies of the structure. The natural fre-
quencies for this model were calculated
up to a frequency range of 4.5 kHz. This
was done in order to observe the expect-
ed effects of the individual turbocharg-
er‘s noise phenomena. In the second step
the forces and moments extracted from
the MBS simulation including the gas
forces of the CFD analysis are loaded in
the corresponding areas of the turbo-
charger housing, and finally the struc-
ture answer was calculated. It was found
that the surface dynamics are dominated
primarily by the motion behaviour of
the shaft and the force excitation caused
by the flow is of subordinated impor-
tance. Due to the simulation in the time
domain the results of the calculation can
be represented in a Campbell diagram,
as is shown in Figure 8.

In a further step the transfer path of
the complete engine structure was deter-
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Figure 7: Comparison simulation versus measurement: influence of unbalance
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mined. In Figure 9 the surface velocity
sumlevel of the individual components
is represented, for a frequency range of
up to 4000 Hz. The simulation shows
that the turbocharger housing and the
elbow between turbine outlet and cata-
lyst are the dominant components with
respect to the turbocharger noise.

4 Summary

A fundamental understanding of turbo-
charger noise phenomena was obtained
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Figure 8: Setup of FE model and calculated structure acceleration at compressor outlet

by the described analyses of experimen-
tal testing and calculations in this arti-
cle of the FVV research project “Turbo
Charger Noise” at the institute for com-
bustion engines (VKA) of the RWTH
Aachen. The presented simulation meth-
od enables an acoustically refined de-
sign of the turbocharger in the early de-
velopment process. To represent the
complex excitations and transfer paths
sufficiently in detail, an interdiscipli-
nary concept was developed. It is based
on a combination of the simulations of
flow dynamics (CFD), rotor dynamics
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Figure 9: Surface velocity sumlevel for the separate engine components
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(MBS) and dynamic structure transfer
(FEM).The quality of the calculation
model was verified with measurements
obtained from the complete engine of a
small-passenger vehicle and a commer-
cial vehicle. Apart from the occurrence
of the phenomena the influence of bear-
ing specification can be described with
such an approach.
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